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Abstract

Experimental results have been obtained for single-phase forced convection in deep rectangular microchannels. Two con®gu-

rations were tested, a single channel system and a multiple channel system. The two systems are identical except for the lack of

extended surfaces in the single channel system. In the case of the multiple channel system the channels are 251 lm wide and the

channel walls are 119 lm thick. In both systems the channels are approximately 1000 lm deep and de®ne a projected area of 2.5

cm ´ 2.5 cm. All tests were performed with deionized water as the working ¯uid, where the Reynolds number ranged from 173 to

12 900. The experimentally obtained local Nusselt number agrees reasonably well with classical developing channel ¯ow theory.

Furthermore, the results show that, in terms of ¯ow and heat transfer characteristics, our microchannel system designed for de-

veloping laminar ¯ow outperforms the comparable single channel system designed for turbulent ¯ow. Ó 1999 Elsevier Science Inc.

All rights reserved.

Keywords: Microchannels; Developing heat transfer; Forced convection; Electronic cooling

International Journal of Heat and Fluid Flow 20 (1999) 149±157

Notation

A area available for convection, Eq. (24), cm2

b channel height, lm
cp speci®c heat of water at constant pressure, kJ/kg °C
Dh hydraulic diameter, 2wchb/(wch+b), lm
f fanning friction factor, Eq. (4)
fapp apparent friction factor, Eq. (5)
fturb turbulent friction factor, Eq. (6)
G rectangular channel friction factor correction, Eq. (7)
h local heat transfer coe�cient, Eq. (23), W/m2 °C
K1 incremental pressure drop number, Eq. (8)
kSi thermal conductivity of silicon, W/m °C
kw thermal conductivity of water, W/m °C
lch channel length, cm
lh heater length, cm
mb ®n parameter, Eq. (17)
N number of channels
Nu local Nusselt number, Eq. (12)
NuN�1 Nusselt number for N� 1, Eq. (11)
Nuturb turbulent Nusselt number, Eq. (13)
Pr Prandtl number of water
q heater power, W
Q volumetric ¯ow rate of water, cm3/s
R local system resistance, Eq. (21), °C/W
Rch channel resistance, Eq. (19), °C/W
Rsub substrate resistance, Eq. (20), °C/W

Re channel Reynolds number, Eq. (2)
s thickness of the substrate, lm
Th heater temperature, Eq. (22), °C
Tm mean water temperature, Eq. (15), °C
Tm;i inlet water temperature, °C
Tm;o outlet water temperature, °C
Tw temperature at the silicon±water interface, Eq. (25),°C
Um mean ¯uid velocity, Q/(Nwchb), m/s
wcc total width of the channel core, cm
wch channel width, lm
wh heater width, cm
ww channel wall width, lm
X� dimensionless axial distance for the thermal entrance

region, Eq. (10)
x� dimensionless axial distance for the hydrodynamic

entrance region, Eq. (3)
x, y, z Cartesian coordinates, cm

Greek
a channel aspect ratio, Eq. (1)
Dp total pressure drop, kPa
Dpch channel core pressure drop, kPa
� channel surface roughness, lm
g ®n e�ciency, Eq. (18)
lm viscosity of water evaluated at Tm, kg/m s
lw viscosity of water evaluated at Tw, kg/m s
m kinematic viscosity of water, m2/s
q density of water, kg/m3

swall wall shear stress, kPa
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1. Introduction

The emergence of micro-electro-mechanical systems or
MEMS has generated signi®cant interest in the area of mi-
croscale heat transfer. Etched microchannel heat exchangers, a
sub®eld within MEMS, are of interest because of their ex-
tremely high heat ¯ux capability. This ability makes micro-
channels well-suited for a wide variety of unique cooling
applications. Unfortunately, the small hydraulic diameter re-
sponsible for the large heat ¯ux also leads to a relatively high
pressure drop. As such, careful attention must be given to
balance the ¯ow and heat transfer attributes of microchannel
systems.

Microchannels are normally produced by either precision
machining or chemical etching. In the past, etched micro-
channels ranged from 150 to 320 lm in depth. Using novel
etching techniques (HoÈlke, 1998), 1000 lm deep microchannels
have been fabricated and tested as a part of this study. These
are the deepest, etched microchannels reported in the literature
for the purpose of heat transfer enhancement. Although mic-
rochannels of similar depth have been developed by precision
machining techniques (for example, Sasaki and Kishimoto,
1986; Cuta et al., 1995), etching is an improved method. Some
advantages include batch processing, surface contouring, and a
complete lack of debris formation. Furthermore, higher
channel aspect ratios can be achieved with etching.

Tuckerman and Pease (1981) and Tuckerman (1984) pio-
neered the anisotropic etching of rectangular microchannels
and the precision micromachining of micro pin ®ns, both in
silicon, producing channels in width ranging from 50 to 102.5
lm. Their primary con®guration (wch� 50 lm, nominally) was
tested at ¯ow rates of 4.7, 6.5, and 8.6 cm3/s. They measured a
thermal resistance of 0.090°C/W, which for a heat ¯ux of 790
W/cm2 maintains a temperature rise across the system
(Th ÿ Tm;i) of 71°C. Tuckerman (1984) also showed that a
microcapillary thermal interface could be used to reduce the
thermal contact resistance in traditional systems for electronic
cooling, where the heat source and cold plate are separate.

Wu and Little (1983) determined the friction factor for gas
¯ow in test components with a single microchannel, either
trapezoidal or nominally rectangular in cross-section. In the
various test components the microchannels measured 133±200
lm wide and 28±65 lm deep. Their results for laminar ¯ow
were higher than predicted. Furthermore, they found that the
transition Reynolds number is between 350 and 900 for rough
channels, depending on the magnitude of the roughness. They
suggested that these di�erences were caused by the size and
nature of the channel roughness. Their results for turbulent
¯ow were somewhat inconclusive because the channel rough-
ness was not directly measured. Wu and Little (1984) reported
the Nusselt number in counter¯ow heat exchangers arranged
with two channels, nominally rectangular in cross-section. In
various test components the microchannels were 312±572 lm
wide and 89±97 lm deep. For fully developed ¯ow in the
laminar regime the Nusselt number varied rapidly with the
Reynolds number, rather than obtaining a constant value. In
the turbulent regime the slope was correct, however the Nu-
sselt number was higher than predicted. They concluded that
deviations from theory might be due to asymmetric wall
roughness and non-uniform wall heating conditions.

Pfahler et al. (1990a, b, 1991) examined the laminar ¯ow
characteristics of several liquids in systems with a single
trapezoidal microchannel, nominally 100 lm wide and 0.5±50
lm deep. In general, they found the Poiseuille number, fRe, to
be lower than predicted but independent of the Reynolds
number. This e�ect seemed to intensify as the channel depth
decreased. One test section (b� 0.8 lm) showed a considerably
higher friction factor than predicted, but the results were later

attributed to channel plugging. They concluded that thermo-
physical property variations and entrance length consider-
ations produced the observed e�ects. Their conclusions imply
that the continuum assumption is valid and that the classical
solutions apply to liquid ¯ow in microchannels.

Choi et al. (1991) studied the convective heat transfer of air
¯ow in circular microtubes, where the diameter ranged from 3
to 81 lm. In the laminar regime the Poiseuille number, fRe,
was lower than predicted, while the turbulent regime results
were fairly scattered. Just as Wu and Little (1984) experienced,
the Nusselt number reported by Choi et al. (1991) was highly
dependent on the Reynolds number in the laminar regime and
was larger than predicted in the turbulent regime. Yu et al.
(1995) studied the friction and heat transfer characteristics of
both nitrogen and water in circular microtubes, where the di-
ameter ranged from 19 to 102 lm. In the laminar regime their
results for the Poiseuille number, fRe, were 19% lower than
predicted. The friction factor in the transition and turbulent
regimes was only slightly lower, about 5%. The Nusselt num-
ber, only obtained in the turbulent regime, was higher than
predicted, where the deviation from theory increased as the
Reynolds number increased.

Rahman and Gui (1993a, b) examined forced convection
water ¯ow in 1 mm wide trapezoidal microchannels with
channel depths ranging between 79 and 325 lm in either par-
allel channel or single channel multipass con®gurations. The
friction factor data as presented appear inconclusive. Heat
transfer results were presented for both axially local and sys-
tem averaged data. As compared to theoretical solutions, their
results for the Nusselt number were high in the laminar regime
and low in the turbulent regime. Their data do not show a
marked increase in Nusselt number at the transition Reynolds
number, which they attributed to small length scales that in-
hibit the growth of turbulent eddies. Gui and Scaringe (1995)
performed further analysis on the data of (Rahman and Gui,
1993a, b). By reexamining the friction factor results, they de-
termined that the critical Reynolds number was 1400. Fur-
thermore, these results were found to agree well with
theoretical solutions in the laminar regime, but became scat-
tered in the turbulent regime. The previously reported trends
for the Nusselt number were also reemphasized.

In summary, the literature is becoming increasingly rich in
microchannel studies. However, as shown, the results are often
con¯icting, especially considering their performance as com-
pared to classical theory in both the laminar and turbulent
regimes. Our experiments involving deep microchannels show
the applicability of the classical ¯ow and convective heat
transfer relations, using a dual format approach, with results
presented in terms of both system and convection parameters.
See Harms et al. (1997) and Harms (1997) for a review of
works in which thermal performance is reported chie¯y in
terms of thermal resistance. The ¯ow regime investigated in
this study includes laminar and turbulent ¯ow. Also, the e�ect
of both the hydrodynamic and thermal boundary layer growth
on the experimental results is considered. However, before the
experimental results are presented the following theory is de-
veloped to provide insight into microchannel performance and
for later comparison.

2. Analysis

A fairly simple one-dimensional thermal resistance model is
employed to theoretically predict the frictional and heat
transfer characteristics of the system of interest, shown in
Figs. 1 and 2. At any axial location the system performance
can be evaluated, where the friction factor and Nusselt number
are obtained from appropriate developing ¯ow solutions in the
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laminar regime and from appropriate fully developed turbu-
lent correlations otherwise. The analysis is conjugate in the
sense that convection at the water±substrate interface is si-
multaneously considered with conduction in the substrate.

2.1. Hydrodynamic considerations

The channel aspect ratio, a, Reynolds number, Re, and
dimensionless axial distance for the hydrodynamic entrance
region, x�, are de®ned as

a � wch=b 06 a6 1; �1�
Re � UmDh=m; �2�
x� � 1ch=Dh Re: �3�
The Fanning friction factor accounts for ¯ow restriction due to
wall shear stress, swall,

f � 2swall=qU 2
m: �4�

The apparent friction factor, fapp, is a more convenient de®-
nition (based on Dp) because it includes the momentum defect
caused by the acceleration of the ¯uid in the entrance region.
Correlations of the apparent friction factor for laminar ¯ow in
channels are obtained using solutions presented in Shah and

London (1978). A correction for temperature-dependent vis-
cosity in rectangular ducts of various aspect ratios was re-
ported by Nakamura et al. (1979). This correction accounts for
the ¯attened velocity pro®le due to lower ¯uid viscosity at the
wall. Compared to the constant property case, this decrease in
viscosity at the wall reduces the friction factor. For turbulent
¯ow, estimation of the friction factor in rough ducts is given by
Haaland (1983). For convenience, the channel surface rough-
ness is taken as the equivalent sand grain roughness, com-
monly used to estimate turbulent friction in rough ducts,

fapp Re � �lw=lm�0:58
16=G� K1=4x�; x�P 0:1; �5a�

fapp Re � 11:3�x��ÿ0:202aÿ0:094; 0:026 x� < 0:1; �5b�

fapp Re � 5:26�x��ÿ0:434aÿ0:010; 0:001 < x� < 0:02:

�5c�

f ÿ1=2
turb � 3:474ÿ 1:564 ln �2�=GDh�1:11 � 63:64=G Re

h i
: �6�

The function G is an approximation of the exact series solution
of fully developed ¯ow in rectangular ducts (Jones, 1976). For
turbulent ¯ow, Jones showed that a modi®ed hydraulic di-
ameter, GDh, better predicts the turbulent friction factor in
smooth ducts, and theorizes that the same is true for rough
duct correlations. The function K1, the incremental pressure
drop number, is a correlation of results obtained from an in-
tegral analysis of developing ¯ow (Miller and Han, 1971). This
function accounts for the mentioned momentum defect,

G � 2=3� �11=24�a�2ÿ a�; �7�
K1 � ÿ0:906a2 � 1:693a� 0:649: �8�
The pressure drop across the channel core is given as

Dpch � 2qU 2
mflch=Dh: �9�

2.2. Thermal considerations

The dimensionless axial distance for the thermal entrance
region is de®ned as

X � � X=Dh Re Pr: �10�
Correlations of the local Nusselt number for laminar ¯ow

in ducts are also obtained using solutions presented in Shah
and London (1978). The two sets of laminar relations account
for di�erences in the geometry and boundary conditions of the
two systems. For turbulent ¯ow, estimation of the Nusselt
number in smooth ducts is given by the Gnielinski (1976)
correlation, applicable to both systems of interest,

NuN�1 � 5:39; X �P 0:1; �11a�

NuN�1 � 5:16� 0:02�X ��ÿ1:035
; 0:016X � < 0:1; �11b�

NuN�1 � 1:17�X ��ÿ0:401
Prÿ0:044; 0:001 < X � < 0:01; �11c�

Nu � 8:24ÿ 16:8a� 25:4a2 ÿ 20:4a3 � 8:70a4; X �P 0:1;

�12a�

Nu � 3:35�X ��ÿ0:130aÿ0:120Prÿ0:038; 0:0136X � < 0:1; �12b�

Nu � 1:87�X ��ÿ0:300aÿ0:056Prÿ0:036; 0:005 < X � < 0:013:

�12c�

Nuturb � �f =2��Reÿ 1000�Pr

1� 12:7�f =2�1=2�Pr2=3 ÿ 1�
: �13�

Fig. 1. A sectioned view of a rectangular microchannel heat exchanger

(a multiple channel system is shown).

Fig. 2. An exploded view of a rectangular microchannel heat ex-

changer, including the manifold design (note that the orientation of the

system is reversed compared to that of Fig. 1).
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The local heat transfer coe�cient is de®ned as

h � Nukw=Dh: �14�
The ¯uid temperature rise in the axial direction (Eq. (15)) is
linear in systems where the boundary conditions can be ap-
proximated by a constant wall heat ¯ux. The outlet water
temperature (Eq. (16)) is given by an overall system energy
balance,

Tm � Tm;i � �x=lch��Tm;o ÿ Tm;i�; �15�
Tm;o � Tm;i � q=qQcp: �16�

The region of silicon between the channels is treated as a
one-dimensional ®n with an adiabatic tip. Solving the ®n
equation gives the ®n parameter and the ®n e�ciency. The
channel resistance (Eq. (19)) follows assuming parallel thermal
paths for the ®n area and the exposed portion of the base area.
For simplicity, the heat transfer coe�cient is taken as constant
along the channel cross-section. In reality, this will vary and
for our con®guration may result in a 4±28% di�erence in the
®n e�ciency (Huang and Shah, 1992),

mb � �2h=ksiWW�1=2b; �17�
g � tanh�mb�=�mb�; �18�

Rch � �gh2blch�N ÿ 1� � hWchlchN �ÿ1
: �19�

The substrate resistance, the local system resistance, and the
heater temperature are given by

Rsub � s=ksilhWh; �20�
R � Rch � Rsub; �21�
Th � qR� Tm: �22�

3. Test sections

The microchannels of the present investigation were fabri-
cated in a 2 mm thick, (1 1 0) silicon substrate by means of
chemical etching, which as a consequence of crystal orientation
provides rectangular channels. Two con®gurations were tested,
a single channel system and a multiple channel system. The
two types are identical except for the lack of extended surfaces
in the case of the single channel system. Indeed, in both sys-
tems the channels are approximately 1000 lm deep. All
channel dimensions (see Table 1) were measured using an
optical microscope with micrometer stage controls.

The channels cover a total projected channel area of 2.5
cm ´ 2.5 cm, while the silicon substrate measures 2.9 cm ´ 2.9
cm, leaving only a 2 mm wide edge surrounding the channel
area. A thin-®lm heater is deposited onto the back side of the
silicon substrate, corresponding to the entire projected channel
area. In much of the literature the heater area is signi®cantly
smaller than the projected channel area. This is a concern
because de®ning the total thermal resistance as (ThÿTm)/q
implicitly assumes a one-dimensional system. In systems with a

small heater area compared to the projected channel area,
three-dimensional conduction occurs in the substrate. Due to
this thermal spreading, the maximum heater temperature and
thus the thermal resistance will be lower, as compared to
systems where the two areas are equal.

The channels are covered by electrostatically bonding a
glass plate (containing large inlet and outlet manifolds) to the
substrate, Fig. 2. The heat sink is further adhered to an acrylic
block, providing convenient water connections. The heater is
connected to terminal blocks by way of very ®ne wire bonds,
and is insulated with a Te¯on layer. A backing plate holds the
covered channels and heater insulation securely to the acrylic
block, maintaining a water tight seal.

4. Data reduction

The experimental results (at nominally constant values of
input power, q � 400 W, and inlet water temperature,
Tm;i � 20°C) for the single channel and multiple channel sys-
tems are listed in Table 2 and Table 3, respectively. The power
of the main heater is determined by the product of the current,
measured by the power supply, and the voltage, measured by a
potentiometer. All temperatures are measured using copper/
constantan (type T) thermocouples. The inlet and outlet water
temperatures are measured directly at the inlet and outlet
streams, respectively, while the bulk water temperature at an
arbitrary axial location along the channel is calculated by
Eq. (15). The heater temperature is measured using four
thermocouples attached directly to the surface, two each at
both x/lch� 0.25 and 0.75 locations. The heater temperature at
a given axial location is calculated by averaging the two
readings at that location. Any heat loss to the ambient would
greatly a�ect the heater temperature, but this was found to be
negligible as the measured enthalpy for all ¯ow rates very
nearly balanced the heater input (see Figs. 6 and 3 of Harms,
1997 for a plot of this comparison). Pressure is measured using
either a di�erential pressure transducer (Dp > 16 kPa) or a
manometer, depending on the range. Manometer readings are
converted to pressure using the hydrostatic equation. Volu-
metric ¯ow rate is measured using either a turbine ¯ow meter
(Q > 25 cm3/s) or a digital scale and stopwatch, again de-
pending on the range. For the time-averaged method, the re-
sulting mass ¯ow rate is divided by the density. The Reynolds
number, dimensionless axial distance for the hydrodynamic
entrance region, apparent friction factor, and dimensionless
axial distance for the thermal entrance region are given by
Eqs. (2), (3), (9) and (10), respectively. To calculate the chan-
nel core pressure drop the manifold pressure drop must ®rst be
subtracted from the measured value. The inlet and outlet
manifold pressure drop includes expansion, contraction, and
bend losses in the transition regions between the circular inlet
and outlet and the channel core (see Harms, 1997 for more
details), which are mainly determined from empirical relations
(Blevins, 1984).

The local system resistance can be determined from
Eq. (22) (knowing Th, Tm, and q). One should be aware that
the de®nition of thermal resistance is not unique among

Table 1

Dimensions of the two tested microchannel con®gurations

N b (lm) wch (lm) ww (lm) a A (cm2) Dh (lm) �/Dh

1 1000 25 000 ± 0.040a 6.25 1923 �0

68 1030 251 119 0.244 39.30 404 0.020

aa� b/wch to satisfy the fractional constraint in Eq. (1).
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investigators. Many researchers de®ne the characteristic tem-
perature di�erence as the di�erence between the inlet water
temperature and the maximum heater temperature. A more
representative de®nition of this di�erence for our one-dimen-
sional thermal resistance network is Th(x) ÿ Tm(x). The pre-
vious de®nition is overly conservative in that it includes a so
called thermal resistance due to the increase in the water

temperature along the axial direction. This rise is strictly a
consequence of the conservation of energy and as such should
be treated separately. However, for the sake of completeness,
be aware that the total thermal resistance (based on Tm;i) has
been reported in Harms (1997) for each experiment, along with
a discussion and critical comparison of the local and total
values of thermal resistance.

Experimentally, the local heat transfer coe�cient is deter-
mined from Newton's law of cooling,

h � q=A�TW ÿ Tm�: �23�
In this situation the area available for convection, A, and the
temperature at the silicon±water interface, Tw, depend on the
type of channel con®guration and are de®ned as,

A � lchWch; single channel; �24a�
A � Nlch�Wch � 2b�; multiple channels; �24b�
Tw � Th ÿ qRsub; single channel; �25a�
Tw � Tm � g�Th ÿ qRsub ÿ Tm�; multiple channels: �25b�
In the single channel design Tw is determined by subtracting
the temperature drop across the substrate from the measured
heater temperature. In the multiple channel system the average
wall temperature is determined by integrating the solution to
the ®n equation. Doing so will reveal a second interpretation
of ®n e�ciency which directly relates to the average wall
temperature. One should note that this reduction only holds
for one-dimensional systems. With the above reductions the
Nusselt number can be determined from Eq. (14).

Table 3

Experimental ¯ow and heat transfer results for the multiple channel system (italics denote transitional ¯ow regime)

Exp. no. Q (cm3/s) Tm;oÿTm;i (°C) ReD Dp (kPa) f R (°C/W) Nu

1 5.47 13.3 173 1.22 0.0812 0.097 2.65

2 7.46 11.4 228 1.85 0.0604 0.087 3.01

3 9.57 8.9 279 2.66 0.0503 0.080 3.35

4 12.0 8.1 344 3.74 0.0431 0.069 4.01

5 14.7 6.5 411 5.12 0.0367 0.063 4.44

6 18.0 5.4 491 6.92 0.0311 0.058 4.92

7 21.9 4.4 588 9.60 0.0286 0.053 5.63

8 28.8 3.3 755 14.0 0.0219 0.048 6.64

9 36.8 2.5 953 20.9 0.0192 0.044 7.46

10 46.3 1.9 1188 30.5 0.0170 0.041 8.41

11 59.0 1.5 1510 48.0 0.0167 0.038 9.57

12 75.7 1.0 1947 76.7 0.0165 0.035 11.6

13 93.4 0.7 2438 112 0.0157 0.034 14.2

14 118 0.5 3169 169 0.0147 0.032 17.6

Table 2

Experimental ¯ow and heat transfer results for the single channel system (italics denote transitional ¯ow regime)

Exp. no. Q (cm3/s) Tm;oÿTm;i (°C) ReD Dp (kPa) f R (°C/W) Nu

1 16.1 1.9 1383 0.925 ± 0.135 40.9

2 20.1 2.0 1700 1.40 ± 0.126 44.0

3 25.4 1.9 2152 2.02 ± 0.111 50.5

4 32.9 1.5 2760 3.35 ± 0.097 58.8

5 43.1 1.1 3619 5.62 ± 0.083 69.8

6 56.2 0.9 4691 9.36 ± 0.072 82.8

7 72.4 0.7 5995 14.5 ± 0.062 98.2

8 93.7 0.6 7751 22.5 ± 0.055 115

9 120 0.5 9937 35.6 ± 0.048 138

10 156 0.4 12 900 61.2 ± 0.043 159

Fig. 3. A parametric analysis based on the theoretical model showing

the e�ect of channel width and channel depth: pressure drop as a

function of thermal resistance.
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An uncertainty analysis was performed on all the relevant
parameters in accordance with the procedure described by
Mo�at (1988). Although each data point has an associated
uncertainty, only the maximum values of uncertainty are
presented here. The bias limits (®xed error) of the pressure
measurements dominated the total uncertainty of both the
manometer, 2.7%, and the di�erential pressure transducer,
5.3%. Alternately, the precision limits (random error) of the
volumetric ¯ow rate measurements dominated the total un-
certainty of both the time-average method, 3.3%, and the
turbine ¯ow meter, 2.6%. The Reynolds number uncertainty,
3.4%, follows from the volumetric ¯ow rate uncertainties.
Discounting the e�ect of the manifolds, the friction factor
uncertainty is 8.5%. As expected, the bias limit of the tem-
perature measurements, �0.5°C, contributes signi®cantly to
the Nusselt number uncertainty, 5.5%. Note that the uncer-
tainty associated with Eq. (25) is not included in this analysis.

5. Results and discussion

To determine preferred geometric con®gurations, the the-
oretical model is ®rst evaluated in a parametric fashion to
generate the dependent variables of pressure drop and thermal
resistance over a large range of ¯ow rates. In Fig. 3 the pres-
sure drop results are plotted as a function of thermal resistance
for three di�erent channel widths and three di�erent channel
depths. Each curve was generated by varying the ¯ow rate at 1
cm3/s intervals starting at 5 cm3/s. For the two smaller channel
con®gurations (wch� 62.5 and 125 lm) fully developed con-
ditions prevail for the vast majority of the channel over the
analyzed ¯ow range. Therefore, the thermal resistance is in-
dependent of the ¯ow parameters. In these cases the perfor-
mance limitation is set by the water temperature di�erence,
which is only a function of input power and ¯ow rate. For this
reason the individual data sets are restricted to Q P 5 cm3/s.
With this limitation the 125 mm wide channel con®guration
provides the best combination of low pressure drop and low
thermal resistance. In contrast to the smaller widths, the
temperature pro®le of the large channel (solid line, wch� 250
lm) is developing over the entire ¯ow range of interest. As a
result the pressure drop and the thermal resistance are inv-
ersely related. Overall, the thermal resistance decreases as the
channel width decreases for a ®xed channel depth, which is
expected as the heat transfer coe�cient is directly proportional
to the hydraulic diameter. Moreover, the area available for
convection increases as the channel width decreases due to an
increase in the number of channels. Changes in aspect ratio
also support the mentioned trend by increasing the Nusselt
number (Nu increases as a decreases), but this e�ect is of
secondary importance.

The pressure drop as a function of thermal resistance is also
plotted in Fig. 3 for three di�erent channel depths. Again, a
strong inverse relationship between pressure drop and thermal
resistance is evident for wide channel con®gurations due to
developing ¯ow conditions. Overall, for a constant value of
pressure drop, the thermal resistance decreases substantially as
the channel depth increases. This trend is mainly due to in-
creases in the area available for convection. Interestingly,
changes in aspect ratio support the trend while changes in
hydraulic diameter resist the trend, but both of these changes
are of second order in e�ect. Clearly this comparison shows
that deeper channels provide better ¯ow and heat transfer
performance. However, one should remember that several
approximations were made in developing the theoretical
model. Thus, caution should be used in applying these results.

Experimentally, both a single channel design (Table 2) and
a multiple channel design (Table 3) were tested for this study.

In these tables the results are delineated to emphasize the
laminar, transitional, and turbulent ¯ow regimes. The results
in Table 2 of the single channel design mostly fall in the tur-
bulent regime. In contrast, developing laminar ¯ow prevails in
the majority of the data for the multiple channel design in
Table 3. Both sets of results demonstrate the inverse rela-
tionship between ¯ow rate and water temperature di�erence.
At low ¯ow rates (Q < 12 cm3/s, Table 3) the system tem-
peratures exhibit signi®cant non-uniformity in the axial di-
rection. In this sense, higher ¯ow rates are preferred. Of the
preferred operating conditions in Table 3, Exp. nos. 4±10, the
water temperature rise is seen to be much lower, from 1.9°C to
8.1°C. Use of this con®guration in the turbulent regime is not
recommended due to only marginal reductions in R for sig-
ni®cant increases in Dp. For example, comparing Exp. nos. 10
and 12, R decreases by 15% while Dp increases by 250%. In-
creasing Q further, comparing Exp. nos. 12 and 13, results in
even less return; R decreases by 3% while Dp increases by
150%.

The friction factor of the multiple channel design is re-
ported in Fig. 4 as a function of the Reynolds number. Note
that the friction factor of the single channel design could not
be determined due to the relatively large manifold pressure
drop as compared to Dpch. Regarding the multiple channel
friction factor, the most striking result is the clear transition
from laminar ¯ow to transitional ¯ow at a Reynolds number
of about 1500. This is lower than the value of 2400 reported by
Allen and Grunberg (1937) for rectangular ducts (a� 0.256)
with an abrupt entrance; nonetheless, the severity of the inlet
condition is known to have a signi®cant e�ect on the critical
Reynolds number. Furthermore, other investigators have
found similar results for microchannels. Wu and Little (1983)
found that transition occurred between a critical Reynolds
number of 350 and 900, depending on the channel roughness
(the actual roughness values were not measured). Gui and
Scaringe (1995) determined the critical Reynolds number to be
1400, which they also attributed to channel roughness. Again,
� was not measured explicitly, but they suggested that
�/Dh � 0.015. Even though the relative roughness of the mul-
tiple channel system is appreciable (�/Dh� 0.020, determined
via pro®lometer measurements), the stated di�erence in critical
Reynolds number is attributed to a severe inlet condition.

One important consideration in isolating the friction factor
is the estimation of the manifold pressure drop. At low ¯ow

Fig. 4. The friction factor as a function of the Reynolds number for the

multiple channel system.
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rates the channel core dominates the ¯ow friction. In fact, in
this case theory suggests that the maximum value of Dpch/Dp is
93%. As such, the experimental results closely follow laminar
theory. At high ¯ow rates the manifold pressure drop is ap-
preciable; the minimum value of Dpch/Dp is 50%. If the deter-
mination of the manifold pressure drop is inaccurate, then the
uncertainty of friction factor will be higher. Nonetheless, the
high Reynolds number results in Fig. 4 are in excellent
agreement with turbulent theory.

The local thermal resistance as a function of ¯ow rate is
presented in Fig. 5 for both con®gurations. For the single
channel design the experimental results are signi®cantly lower
than predicted by theory for both ¯ow regimes. This di�erence
is most likely caused by ¯ow impingement at the 90° inlet
bend, which in turn signi®cantly increases the convective heat
transfer rate (Zhuang et al., 1997). For the multiple channel
design the experimental results agree well with theory at high
¯ow rates; however, this agreement deteriorates as the ¯ow
rate decreases. The discord with theory at low ¯ow rates per-
haps is caused by ¯ow bypass in the manifold. At low ¯ow
rates ¯ow bypass may exist because theory suggests that the
pressure drop in the manifold is much lower than that of the
core. This would result in a shorter channel ¯ow length, which
in turn would signi®cantly increase the theoretical values of
thermal resistance. In this sense, the theory breaks down but
the experimental values are valid seeing that they adhere to a
speci®c de®nition regardless of the validity of the one-dimen-
sional assumption. Note that this will have less e�ect on the
friction factor since ¯ow bypass in the manifold still contrib-
utes to the total pressure drop. Nonetheless, the friction factor
will be partially reduced by ¯ow bypass. A closer inspection of
Fig. 4 reveals that the data are consistent with this explana-
tion, being somewhat lower than theory at low ¯ow rates.

The local Nusselt number as a function of the Reynolds
number is presented in Fig. 6 for both systems. As expected,
the experimental Nusselt number for the single channel design
is signi®cantly larger than predicted. Again, this may be ex-
plained by ¯ow structures induced by the inlet bend enhancing
heat transfer. In fact, the experimental results of Zhuang et al.
(1997) for parallel plate microchannels showed similar in-
creases in the Nusselt number. Although their system also has
a 90° inlet bend, a quantitative comparison is not possible as
their channel dimensions are somewhat di�erent from that of
the present study. For the multiple channel design the previ-

ously discussed hypothesis, regarding the e�ects of ¯ow bypass
at low ¯ow rates, also applies to the Nusselt number data.
However, since the Nusselt number is inversely related to
thermal resistance, the experimental results are lower than,
instead of higher than, the theoretical values. In contrast to the
results in terms of thermal resistance (Eq. (5)), we believe that
the convective heat transfer theory (Fig. 6) is applicable.
Furthermore, since the inlet manifold region does not provide
adequate ¯ow conditioning, the experimental values are in
error. In the turbulent regime, where the inlet condition has
less impact, the agreement between theory and experiment is
much better. As expected, the results for both axial locations
tend to collapse to a single curve. As with the friction factor,
but to a lesser degree, one can observe a transition at a critical
Reynolds number of 1500.

The local Nusselt number for the multiple channel design is
considered further in Fig. 7, now plotted with respect to the
dimensionless axial distance. Only the laminar regime data are
shown as the fully developed turbulent results are not appro-
priate in a developing heat transfer analysis. The thermal

Fig. 6. The Nusselt number as a function of the Reynolds number for

both con®gurations.

Fig. 7. The Nusselt number as a function of dimensionless axial dis-

tance for the multiple channel system.

Fig. 5. Thermal resistance as a function of volumetric ¯ow rate for

both con®gurations.
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entrance region should not be a factor in the turbulent regime
because the turbulent thermal boundary layer develops very
quickly. Cebeci and Bradshaw (1988) suggest that fully de-
veloped turbulent conditions prevail when x/Dh� 5 (in our
system lch/Dh� 62). In contrast, the e�ect of the thermal en-
trance region in the laminar regime is signi®cant (x* < 0.1
across the entire range). Note that the relationship between
theory and experiment is consistent with Fig. 6 because x*
increases as ¯ow rate decreases. As expected, the results for
both axial locations tend to collapse to a single curve.

Both systems are directly compared against each other (and
theory) in Fig. 8 over their preferred operating range, Exp.
nos. 4±10 for both arrangements. As illustrated in Fig. 3,
plotting pressure drop against thermal resistance is the best
way to compare systems because these are the competing
factors in any practical design. Although the trend in both data
sets appears very similar, the behavior seen for the multiple
channel system is a result of developing laminar ¯ow, while the
observed trend of the single channel system is a result of tur-
bulent ¯ow and its inherent dependence on the Reynolds
number. Certainly, the comparison illustrated by this ®gure
shows that developing laminar ¯ow designs utilizing deep
microchannels perform better than turbulent single channel
¯ow designs, over the given range of ¯ow rates. This is at-
tributed to the decreased hydraulic diameter and the increased
surface area of the multiple channel system, despite the much
higher Nusselt number of the turbulent single channel system.

6. Conclusions

The hydrodynamic and thermal performance of two deep
microchannel con®gurations have been reported, both theo-
retically and experimentally. A parametric analysis based on
the theoretical model was used to identify preferred con®gu-
rations of the multiple channel design. For fully developed
laminar ¯ow the thermal resistance is independent of the
pressure drop. As such the performance limit is set by the al-
lowable temperature di�erence across the ends of the system.
In contrast, an inverse relationship between pressure drop and
thermal resistance is noted for the developing laminar ¯ow
results. Moreover, the analysis showed that decreasing the
channel width and increasing the channel depth provide better
¯ow and heat transfer performance.

For the multiple channel design the experimental friction
factor follows the theoretical values reasonably well in both
the laminar and turbulent regimes. Furthermore, a clear
transition is evident in the plot of the experimental friction
factor at a critical Reynolds number of 1500, which is lower
than the value of 2400 reported for conventional channels. In
this case the critical Reynolds number is believed to have been
altered by the severity of the inlet condition. The e�ect of the
manifold on the character of the ¯ow is also suggested to be
the reason for the somewhat lower than predicted values of
friction factor at low ¯ow rates. Both of these results re¯ect the
importance of manifold design in microchannel systems.

For both designs the experimental Nusselt number agree-
ment with theory was a bit lacking, but on the other hand,
cannot be discarded. For the single channel design the exper-
imental Nusselt number was higher than predicted at all ¯ow
rates. This enhancement may be due to the e�ect of the inlet
bend. The results for the multiple channel design agree rea-
sonably well with theory at high ¯ow rates, but deviate sig-
ni®cantly from theory at low ¯ow rates. This deviation was
attributed to ¯ow bypass in the manifold. Nonetheless, we still
feel that the classical relations for local Nusselt number are
appropriate and accurate for modeling microchannel systems,
given the right manifold design.

Finally, the two systems were critically compared. The ex-
periments showed that in both designs, pressure drop is inv-
ersely related to thermal resistance. As such, increasing the
pressure drop beyond the region of rapid curvature at the high
¯ow rate end of the trend results in diminishing returns.
Conversely, at very low ¯ow rates the thermal resistance can be
signi®cantly lowered by slightly increasing the allowable
pressure drop. Notably, the thermal resistance of the multiple
channel design is always lower than that of the single channel
design, for a given level of pressure drop. This indicates that
for our systems developing laminar ¯ow provides better overall
performance than turbulent ¯ow.
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